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A straightforward approach is presented to investigateritdhe dynamic system for a typi-
cal rear-drive passenger car. The procedure is based @duting two main ride excitation
sources, i.e., engine/driveline and road inputs, whiclucedpassengers’ comfort. The mea-
sured engine fluctuating torques are applied on the coupletehof the driveline and the
suspension, to obtain the vehicle body longitudinal vibrat Further, the body vertical re-
sponse to an average road roughness, is found by employangutirter-car model. Through
the frequency analysis done in this paper, it is shown thatamefastly determine the transfer
functions of the systems and also their forced responshks dessired positions, without guess-
ing any initial conditions for the states. The results iltate that the high frequency inputs,
from the engine, are appropriately damped by the curremtesisson. Hence, the associated
vehicle body longitudinal acceleration meets the Inteoma Standard Organization (ISO)
criteria. This is not the case for the low frequency distades, from the road surface irregu-
larities, where the vehicle body vertical accelerationbie\e the ISO criteria.

1. Introduction

Over the last two decades, ride quality has received a gtesitian in automotive industry
among the manufacturers. Consequently, more researctisefio vehicle design area, have been
devoted to this subject. Ride quality is an important topigehicle refinement, which aims to study
and control the levels of noise and vibration so as to aclmewe comfortable, more silent, and safer
cars according to customers’ demand [1].

There are two different frequency regions in the vehiclesa@nd vibration spectrum that are
important. First, the ride interval which includes the neqcies betweeh — 100 Hz and, second,
the noise interval which addresses the frequency rafge 4000 Hz. The ride frequency range is
reported by the International Standard Organization (If8©gvaluation of passenger comfort to the
whole body vibration [2]. Ride dynamic system investigati® composed of three main parts. First,
introduction of major excitation sources, namely, drimelengine and road irregularities. Second,
obtaining vehicle dynamic response subject to these exmitaand, third, the human perspicacity.

The driveline is a lightly damped dynamic system, consistif the inertia and the elastic
elements. It is the most significant origin of the vehiclesise and vibration. These vibrations are
transferred to the chassis thereby attenuating the passeomfort. Torsional frequencies of the
driveline are excited by various numbers of resources ssieimgine disturbances and road roughness
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inputs. The exciting inputs from the engine can be dividpdcsically, in two categories. The first is
sudden/discrete such as tip-in/tip-out maneuvers andtidioputs. The second is continuous such
as engine torque fluctuations that include gas and inertigé&s [3].

A number of investigations have been devoted to the modelimyiveline torsional vibration
[4, 5]. Farshidianfaet al provided a general lumped parameter model of the driveleused MAT-
LAB SIMULINK for vibration analysis subject to an impulsegat without representing a separate
model for the engine part [6]. The first natural frequenay,, idriveline shuffle, was also identified
by [6]. Rabeih developed a 14-degrees-of-freedom lumpeahpeter model, from the engine to the
driving wheels, for torsional vibration of the driveling[The damped natural frequencies of the sys-
tem were found, in [7], using the eigenvalue method. Fuytherresponses of the driveline system, at
different positions, were determined subject to the enfjurtuating torque by modal analysis and a
Runge-kutta numerical technique. As opposed to [6], the&wof7] provides an independent lumped
model for the engine substructure where the engine osmijlabrque was obtained analytically using
the harmonic coefficients of the gas pressure [7]. The coluplsional vibration of the driveline with
the body longitudinal vibration, is investigated in [8].nBing the car-body longitudinal Root Mean
Square (RMS) acceleration, from this coupled model, so asatuate the ride quality according to
ISO standards, is carried out in the present paper.

In the investigation of passenger cars ride quality, it isd@mental to consider all types of
inputs which may reduce passenger comfort. Road distuehamigich is applied to each tire and
transmitted to the car-body through the correspondingenspn system, is another major vibration
input for vehicles. Wong, [2], has given the ISO classifioatf road unevenness based on the power
spectral density and the assumption of a stationary ergadaom process for road profile . A simple
guarter-car suspension model has been utilized extegsiviie literature since it is suitable to study
many essential properties of a real suspension system][9, 10

This paper assesses the ride quality of a typical rear-gragsenger car with respect to 1ISO
fatigue-decreased proficiency boundaries in vertical anditudinal directions. The car is equipped
with a General Motors (GM) family-ll engine. The cylindergas pressures have been measured
experimentally for three different engine Revolution Penide (RPM) and the associated gas and
inertia torques are calculated. The driveline and the cetaplehicle vibrations, subject to the en-
gine fluctuating torques, are investigated by finding theéesys frequency response matrix. Suitable
14-degrees-of-freedom and 18-degrees-of-freedom lineaped models are employed. The use of
system transfer function has two advantages. The first isa@btforwardly obtain damped natural
frequencies. The second is to accurately find the drivebineeld response since there is no need to
guess the initial states, compared to a Runge-kutta nuatgniocedure. Finally, the vehicle body
RMS longitudinal and vertical accelerations are deterchened plotted together with the 1ISO criteria
to evaluate the ride quality. The plots support the conolu#hiat the driveline modes have less effects
on the ride quality in comparison with the road excitatiahirderpreted by [1].

2. Driveline Torsional Vibration

The driveline is a nonlinear dynamic system that conneet&tigine to the driving wheels, and
it has many modes of vibration. This work studies the dmeskiorsional vibration and its coupling
with longitudinal vibration of the chassis along with theffects on the passenger comfort and vehi-
cle ride quality. A 14-degrees-of-freedom lumped paramigtear model, as seen in Fig. 1, describes
the driveline torsional vibration of a rear-drive passergge equipped with an spark-ignition internal
combustion engine. The model consists of different subgiras with each substructure including
inertia, damping, and stiffness elements which are denloyed, ¢, andk, respectively. The non-
linear phenomenons such as backlash, Coulomb friction tlaadiriveline behavior during clutch
engagement, etc., are not included in this study. Furtherré¢ar wheels are fixed to the ground and
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it is assumed that the vehicle body mass moment of inertargelenough. The typical parameters
values, for the model under consideration, are given in [7].
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Figure 1. Driveline lumped parameter model.

The applied inputs from the engine (crankshatft) to the dineeare the fluctuating torques,
Tyi(t), © = 1,2,3,4, of each cylinder. The equations of motion for the vibratsygtem are

MX + Cx + Kx = F(t), F(t)=[0 Tpi(t) Tya(t) Tys(t) Tpa(t) 0 ---]" (1)

where,M, C, andK are the mass, damping, and stiffness matrices of $izes14. In addition,x is
al4 x 1 vector that involves the rotation of inertia elements. Tdleofving subsection is devoted to
determining the input vectoF,(¢), resulting from the engine.

2.1 Engine Excitation Inputs
2.1.1 Engine Type

A GM Family-1l internal combustion engine, is consideredeh&ith the characteristics as
shown in Fig. 1. Since there is no precise data for all therengroperties, some of the given values
are rough estimates of the true values. The gas pressureafytinder, during engine operation, is
measured experimentally and is shown in Fig. 2. This helgktfie corresponding gas torque. Two
seconds of measurements are represented. Also, threeedifengine (crankshaft) speeds1600,
2000 and3000 RPM are considered. The measurement noises have beerdfoigran MATLAB.
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Figure 2. Measured cylinder gas pressure for three different engieeds.
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2.1.2 Engine Mathematical Model

To study the driveline torsional vibration subject to thejiee cylinders oscillatory torques, a
simulation of the cylinders’ rotational dynamics is requir For a four-cylinder engine, four slider-
crank mechanisms are applied to model the system. Simpiliicaf each slider-crank mechanism
leads to the lumped parameter model consisting of the mésseg either in pure rotation or pure
translation. According to high stiffness of the compactn&shaft, each cylinder could be finally
represented by inertia and stiffness elements, as in Fighé&re the total inertia value is the sum of
the inertias of the rotating and translatory parts.

2.1.3 Cylinder Total Torque Calculation

The total output torque of cylindéri.e., T;, ;, is the sum of the gas torqug, ;, and the inertia
torque,7},, ;. In other words
Eot,i - Tg,i + ﬂnr,z* (2)

The gas pressure torque of each cylinder is approximatégrméed as [11]
T, = F,r(sinwt 4+ r/l sinwt coswt), F,;=P,;A,, Ap = tBore*/4. 3

ThetermsF, ;, P,;, Ap, 7, w,t, Bore, andl = 3.5 xr, are the gas pressure forde) (of the cylinder,
measured pressurB4) of cylinderi, piston arear(?), crank radius (stroke/2)x(), crankshaft angular
speed fad/sec), time (seconds), engine cylinder borenf), and conrod lengthnf), respectively. The
ratio [/r is a specific characteristic of the engine being equa.tain this paper. All of the four
cylinders’ gas pressures are assumed to have the sambuwdistiwith a time-shift according to the
firing order of the engine, i.el-3-4-2. The power stroke angles abe 180, 360, and540 degrees
in every720 degrees, two revolutions of the crankshaft. The total gasure torque of the engine,
computed ag, ;s = Z?Zl T,.(t), isillustrated in Fig. 3(a) for20 degrees of crankshaft rotation and
different engine speeds. The results show a good agreenitbrthe gas torque of approximately the
same engine given by [11].

The inertia torque, produced by each cylinder, is causetiéytasses which are in pure trans-
lation, i.e.,m, [11]. It is obtained as

Tinri = 1/2 m,r?w?(r /21 sinwt — sin 2wt — 3r/21 sin3wt) , M, ~ Mypiston + 1/3 Meonrod-  (4)

The average of the inertia torque is zero and it only adddlason to engine total torque, which
increases with the engine speed. Substituting Eq. (3) an@in Eqg. (2), the total torque of each
cylinder, T}, ;, is achieved and represented as in Fig. 3(b)rfttrdegrees of crankshaft rotation and
different engine speeds. While we are interested in theuaictg part of7;, ;, the mean value is
computed, as in Fig. 3(b), and it is subtracted from the tot@ue to only investigate the influences
of the cylinders’ oscillatory torques as disturbing inpus., 7' 1 (¢), T 2(t), T (t), andTs 4(1).

2.2 Driveline Damped Natural Frequencies

In order to find the damped natural frequencies of the dnieglthe transfer function matrix
of the systemG(iw), is obtained and the desired members of this matrix aregalatt the desired
frequency range. It is first required to convert the difféi@requation of the motion, Eq. (1), to the
state space form and further constr@&tiw) using this relation. Considering the rotations vector
and the rotational velocity vectar as the states of the system, the state space form is wréten a

y(t) = Ay(t) + Bu(t) , z(t) = Hy(?) (5)
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Figure 3. (a) Engine total gas pressure torque, (b) Engine total ®orqu
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where

0O 0 00

. 0 | 0 [ 1454
ywl:[xx]T,Amz[_gj*%‘; _ﬁ;“ﬁc] ,B2gx4=[_h;4XfR] Ruai= o 0,

(6)
The transfer function matrix in the Laplace domain, is gibgnG(s) = H(sl — A)~'B which by
exchangings = iw can be transformed to the frequency domain. Fig. 4(a) shbedrequency
function between any input applied at poiitand the wheel rotation, i.e., staté, and rotational
velocity, i.e., stat@8. The five damped natural frequencies that could be exciteadut 7 (¢) from
the engine are arourtl996, 12.54, 50.76, 109.7, and138.5 Hz. The lowest natural frequency, i.e.,
3.996 Hz, in torsional spectra of the driveline is called shuffle freqcy which is usually in the region
2 — 8 Hz [6]. Investigation of the excitation sources, for this fuegcy, is of great importance for
manufacturers, since human body is more sensitive to wiorat the frequency rang2— 8 Hz [1].

2.3 Driveline Forced Response to the Engine Excitation in the Frequency Domain

For a stable driveline system with transfer functi®qw), the Fourier transforms of the outputs
which are the states of the system, i&iw) in Eq. (5), are

Z(iw) = G(iw)U(iw) (7)

whereU(iw) is the Fourier transform of the input. It is found by emplayisn appropriate window
function, i.e., flattop window in this case, to obtain thewate estimations of the signal’s periodic
components. The amplitude spectrum of the Fourier tranmsfair the wheel rotational velocity is
shown in Fig. 4(b) for the engine speed3t00 RPM. For different engine speeds of, e.t)00,
2000, and3000 RPM, there exist different ranges of input excitation frexciesk x 8.3 Hz, k x 16.6
Hz andk x 24.9 Hz, respectively, wheré = 1,2, .... As it was expected, the peaks2t9, 49.8,
74.7, and99.6 Hz in Fig. 4(b), are due to the input force frequencies. It isam@nt to mention that
at frequencys0.76 Hz, the system has a natural frequency hence resonance hapgkingreases the
amplitude of vibration.
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Figure4. (a) Transfer function of the driveline torsional vibratj¢h) The amplitude spectrum of wheel
rotational velocity oscillation.

3. Combination of Driveline and Chassis Vibration

The driveline torsional vibration results in torque fludtoa at the driving axle, and therefore,
oscillatory drive force will be generated. This finally lsad the longitudinal vibration of the vehicle
body. The complete car model, that includes the drivelire grad the tire-suspension-body part, is
shown in Fig. 5. Here, the parameters values are as in [7].cbhaection torque between the two
parts,)M,, and the longitudinal force resulting from the Pacejkaiedel, F;, are [7]

M, = k312(913 - 912) ) F = _Ar(k14zu + 0142u) - R(k130t + 01390 (8)

whered, A,, R, andz, denote, respectively, the rotation of each element; thiiceat of tire rolling
resistance; the typical tire radius in a normal passengeand the vertical displacement of unsprung
mass (wheel and the associated parts).
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Figure 5. Complete vehicle model.

To study the longitudinal vibration of the vehicle body;, subject to the engine fluctuating
torques, the same procedure as in Section 2.3 is used. Hpwewuhlis case the system has 18-
degrees-of-freedom. Obtaining the transfer function eftéw system, and substituting it into Eq. (7),
the vehicle body longitudinal velocity Fourier transforsndcomputed and shown in Fig. 6, f8000
RPM of the engine speed. The response has been plotted inadBtscillustrate the peaks more
appropriately. Besides the peaks which result from inpaoitaton frequencies, e.q24.9, 49.8, 74.7,
and99.6 Hz, two natural frequencies of the system, 9.25 and 10B:8%re also excited here by the
noise in the system input.
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Figure 6. The amplitude spectrum of the body longitudinal velocitgithation.
4. Vehicle-Body Vertical Acceleration Subject to the Road Excitation

The road surface unevenness results in vehicle-body akdscillation which may be experi-
enced by the passengers thereby weakening the ride quBlig/suspension system characteristics
have the main role to control the amount of this transmissfohnear suspension model with two-
degrees-of-freedom, known as the quarter-car model, aggin7ka), is suitable enough to obtain
vertical acceleration of the vehicle-body subject to thadraisturbing input [9]. 1SO has recom-
mended a stationary random process for modeling the typeal surface profile, which is given in
the form of a single sided power spectral density as

$(no)  foo s(no) , fo

= e < -~ /(L=

SN =TT < h S =T

Hereuw is the car constant speed (s) with fo = v/27 ands(ny) is the degree of roughness which is

different for different road classes [2]. The RMS verticete@leration of the vehicle-body, in a certain
frequencyf., due to the road surface unevennets f), which is given in Eq. (9), is determined as

)1.57f > fO (9)

1.12f.

Acceleration s — / Sa(f)df,  Siaf) = | Hia(f)] 25, (f) (10)

0.89f.

in which, | Hz(f)| is the transfer function between the inpuind themass 2 acceleration in
Fig. 7(a). Also,S;»( f) is the power spectral density of the vehicle-body accetarat

5. Results and Conclusion

A passenger car is ready for sale when the seat vibrationeataveling speed &0 km /hr on
a typical inter-urban road, is approximately near to the lig@tations [1]. Fig. 7(b) shows the RMS
accelerations of the vehicle body in longitudinal (dashied)| and vertical (solid line) directions,
which are denoted blgodyon the corresponding plots. They are found from the resunlEsg. 6 and
Eq. (10), respectively. The ISO fatigue-decreased profagidboundaries during a four-hour expo-
sure time are also represented in Fig. 7(b) in two directaoms are pointed bySO. It is assumed
that the vehicle is traveling with the mentioned constamtesipon an average road roughness with
s(ng) = 64 x 107% m?/cycles/m, [2]. As can be seen, the vehicle-body vertical responsgsttn
the road irregularities is greater than the objective gatat the frequency region around 1-H%,
whereas the longitudinal acceleration, resulting fromehgine/driveline modes, is under the ISO
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boundary everywhere. This is due to the undamped natuldérecies of the vehicle-body (sprung)
and the wheel (unsprung) masses, which are ar@us$ Hz and11.74 Hz, respectively, using the
suspension properties given in Fig. 7(a). Therefore, higlitaion frequencies from the engine in-
puts, which means high value of the frequency ratio, &g ../wnat body, CAUSE @ low transmissibility
value [12], and hence a desired vibration isolation for thleiele-body is achieved. However this will
not occur when the system is excited by the low frequencytg)much as traveling on undulating
road, where the transmitted force could be even amplifiemklly it can be concluded that by using
the current passive suspension system, with fixed paraspéternot possible to reduce the effects of
the low frequency disturbances simultaneously with thé liigquencies, which is desired from the
ride quality aspect.
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Figure 7. (a) Quarter-car model, (b) Comparison of body RMS accetaratin different directions with ISO
criteria.
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