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Abstract

A turbocharger’s performance is measured in a gas stand in order to provide
information of the components characteristics. The measurement procedure is a
very time consuming process and it is thus desired to make it more time-efficient.

To allow for development of an enhanced control strategy used during the mea-
surements, a 0D model of a gas stand is developed. The physical gas stand com-
ponents are modeled and validated against measurements, all showing a reason-
able result. Turbocharger heat transfers are investigated and modeled using a
lumped capacitance approach. The heat transfer models shows approximative
results when comparing with measurements which is explained by the lack of
temperature measurement made on the bearing housing.

When the complete gas stand model is validated against measurements, an im-
provement of the measurement procedure is examined. By adding an idealized
heat source with the possibility to heat the compressor housing, it is possible to
reduce the time it takes to reach an equilibrium when switching between two
steady state operating points.
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1
Introduction

The last decades the use of turbochargers has been widely extended in the auto-
motive industry. With tightened legislation around emissions, engine developers
are constantly forced to increase efficiency in order to meet the new restraints.
A turbocharger is considered a big contributor in this process since it recovers
otherwise wasted thermal and kinetic energy from the exhaust gases. An added
turbocharger allows for engine down-sizing which in principle means maintain-
ing the same power with a lighter, supercharged engine. With less weight to carry,
the natural result is a reduced fuel consumption.

When purchasing a turbocharger, manufacturers generally enclose performance
maps of the compressor and turbine respectively. The maps are measured by the
manufacturers themselves and show the relation between pressure ratio, mass
flow rate, efficiency and turbocharger speed. Good knowledge of a turbocharger’s
characteristic is essential when optimising engine control strategies, making the
accuracy of the maps crucial. Hence, complementary tests are often performed
by engine developers to ensure the maps correctness.

The performance of a turbocharger is determined in a test rig usually referred
to as a gas stand. A test procedure involves delivery of hot pressurised gas driv-
ing the turbine, normally produced by a mechanical compressor coupled with
a burner. The compressor mass flow is simultaneously restrained with a con-
trol valve downstream the compressor. With this arrangement pressure ratios,
turbine inlet temperature and turbocharger speed can be controlled individu-
ally. The maps are produced by measuring steady state operating points through-
out predefined speed lines, where compressor surge and choke defines the outer
boundaries of each line.

1



2 1 Introduction

1.1 Purpose and Goal

Since testing a turbocharger is a time consuming and thus costly procedure, it is
of interest to make it more efficient. This thesis aims to develop a 0D model of
a test stand in order to allow for development of an enhanced control strategy
used when mapping a turbocharger. Conventional control are carried out with
the help of basic PID controllers and it is to be examined if an improved method
can be obtained. With the help of mathematical models describing the physical
processes well, it is possible to work out new intelligent strategies in a simulation
environment instead of using trial and error on the physical gas stand.

One main task is to model the thermodynamics occurring in a gas stand with fo-
cus put on the turbocharger. The turbine is driven by hot exhaust gases and work-
ing temperatures can easily exceed 800◦C, resulting in heat transfers throughout
the whole component. Since the most time consuming part of a steady state mea-
surement is to wait for the turbocharger to reach a thermal equilibrium, a lot of
time would be spared if it is possible to reduce the settling time in some way.

Test stand measurements are often carried out without full covering of turbine
work conditions, explained by the fact that compressor surge sets the limit. Com-
plete knowledge of a turbine’s performance is of interest and one solution to al-
low for that is a closed loop configuration on the compressor side. Practically,
this means that the pressurized air leaving the compressor outlet is led back to
the compressor inlet, with an intercooler and a control valve in between. The
objective is to incorporate this arrangement in the gas stand model.

1.2 Related Research

General knowledge of turbocharger test facilities is required to understand the es-
sential components and their purpose. Several papers describe the development
process of test facilities and a few variations in configuration appear. Young and
Penz [1990] designed a test facility capable of running several turbocharger tests
simultaneously. The test stands were built with independent gas circuits (2-loop),
see SAE J1826 [1995] for a closer description. A burner fed with natural gas was
used, delivering a turbine inlet temperature of maximum 815◦C. Venson et al.
[2006] constructed a gas stand using the 1-loop configuration, i.e. the compres-
sor output flow was led to the turbine intake with a burner in between.

Stemler and Lawless [1997] introduced a test facility designed for transient per-
formance measurement of larger diesel turbochargers. A test stand mainly con-
sisting of a burner and a screw compressor was the final product, operating at a
maximum temperature of 648◦C. The same configuration was used by Naundorf
et al. [2001] with the discrepancy of a double fluted hot gas generator, permitting
increased precision when controlling the turbine inlet temperature. The arrange-
ment allowed temperatures up to 1050◦C.

Instead of a burner, Luján et al. [2002] used a diesel engine to deliver hot gas to
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drive the turbine of a decoupled turbocharger, hence making performance mea-
surements possible. Leufven and Eriksson [2010] on the other hand developed
a method to bench engine mounted turbochargers by adding an extra throttle
upstream of the first compressor stage, thus extending the interval of obtainable
corrected mass flows in the compressor.

Even though the actual working environment of a turbocharger includes hot tem-
peratures, test facilities using cold air exists as well. This is explained by the
simple fact that they are less expensive and more user friendly. Both Filho et al.
[2002] and Uhlenhake et al. [2011] developed test stands using cold air only. At
the University of Genoa, Capobianco and Marelli [2005] used an electrical heater
to slightly raise the temperature of the compressed air delivered to the turbine,
hence avoiding freezing conditions. The facility also incorporated a pulse gener-
ator allowing simulated exhaust conditions.

The study shows that variations exist, although the main configuration seems to
be a test stand consisting of, apart from other necessary components such as con-
trol valves and pipes, a screw compressor and a burner allowing measurements
at higher working temperatures.

Traditionally, turbochargers have been modeled with the assumption of adia-
batic processes occurring throughout the component. The general opinion nowa-
days is that heat transfer has a significant impact on turbocharger efficiency and
needs to be taken into account to obtain accurate performance maps. Differ-
ent approaches to model the heat transfers have been discussed where the most
established method is to apply a one-dimensional model with lumped capaci-
tances. This is done in several papers with Romagnoli and Martinez-Botas [2012],
Olmeda et al. [2013] and Serrano et al. [2014] as examples, where the turbocharger
is divided into varying number of sections simplified as cylinders in the calcula-
tions.





2
Measurements

All measurements used in this thesis were conducted at the Saab Powertrain facil-
ities in Trollhättan just before the company was declared bankrupt. This chapter
describes both the test facility with its major components as well as the different
measurements carried out.

2.1 Test Facility

The gas stand equipment in Trollhättan consists of two variable screw compres-
sors from Atlas Copco delivering pressurized air, led through a large air-to-water
intercooler, with the possibility of feeding both the compressor and turbine inlet.
A diesel burner is used to increase temperature of the pressurized air, thus simu-
lating hot exhaust gases. Individually controllable water and oil circuits with ad-
justable feeding pressure and fluid temperatures are led through the turbocharg-
ers. Two butterfly valves, one downstream the compressor and one downstream
the turbine, operate as restrictions and allows for control of pressure ratios over
the compressor and turbine respectively. The surrounding room is climate con-
trolled and the ambient temperature is roughly 20◦C during the conducted mea-
surements. A schematic overview of the test facility can be seen in Figure 2.1 and
photos of the actual test rig are shown in Figure 2.2 and Figure 2.3.

The test rig is fully equipped with all sensors needed for mapping a turbo, thus
referring to the pressure, flow, temperature and speed sensors found in Figure
2.1. In addition to that, twelve extra surface temperature sensors are positioned
around the turbocharger with six on the compressor scroll and back plate, three
on the compressor inlet pipe, one on the compressor outlet pipe and two on the
turbine housing.

5



6 2 Measurements

Figure 2.1: A schematic overview of the gas stand in Trollhättan. Used ab-
brevations: SC - Screw Compressors, S - Control Valve, Exh - Exhaust Pipe,
DSU/OSU/WSU - Diesel/Oil/Water Supply Unit. The symbols p, T, W, and
N indicate measurement locations. The picture is taken from Leufven [2013]
with permission.

Two v-cone differential pressure measurement rings are used for different ranges
of flow on the compressor side (W1 and W2 in Figure 2.1). The flow is alternated
between the two v-cones with the help of control valves S6 and S7.

Regarding the water and oil circuits, flow measurements and temperature mea-
surements before and after passing the turbocharger are available for each circuit
respectively.

2.2 Test Procedure

Measurements on three different turbochargers were carried out during the test-
ing period in Trollhättan. The available data consists mainly of steady-state mea-
surements and only one of the turbochargers, a Mitsubishi TD04HL-15T, includes
time-resolved measurement data. Since time-resolved data will allow for a com-
plete model validation later on, the TD04HL-15T is chosen as the turbocharger
to represent with models.

As mentioned in the introduction, a normal test procedure of a turbocharger
includes steady state measurements throughout a couple of speed lines, where
compressor choke and surge sets the outer boundaries for each line. Similar mea-
surements were of course conducted on the Mitsubishi TD04HL-15T, but some
additional tests were also carried out. All measurements together with a brief
description can be found in the list below:

• Compressor stand still restriction measured with a locked turbocharger
shaft and the compressed air supply connected to the compressor inlet.
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Figure 2.2: An overview of the gas stand. All components are fitted in the rig
with exception for the intercoolers and screw compressors which are placed
in another room.

• Compressor restriction map conducted with the gas stand fresh compressed
air supply connected to the compressor inlet. Pressure ratios of Πc < 1 were
measured at constant speeds.

• Adiabatic map, i.e. measurements done with minimized heat transfer, were
carried out while matching the compressor housing temperature to the com-
pressor outlet temperature with help of the oil and water circuits.

• Hot map measurements carried out with a normal test procedure with vary-
ing turbine inlet temperatures T03 reaching up to a temperature of 750◦C.

• Choke flow measurements for a number of speeds conducted with a fully
opened butterfly valve downstream the compressor.

• Medium hot map measurements with turbine inlet temperatures of 300◦C
and 450◦C, conducted with a normal test procedure with varying oil and
water temperatures.

• Step responses with steps made in turbocharger speed, measured with a
fixed butterfly valve position.

The turbocharger and adjacent pipes were insulated during all conducted mea-
surements in order to reduce the external heat transfers. The steady state and
time-resolved measurement data can be seen in Figure A.1 and Figure A.2 (found
in Appendix A).
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(a) Screw compressor. (b) Air-to-water intercoolers.

(c) Installation overview. (d) Insulated turbocharger and adja-
cent pipes.

Figure 2.3: Photos of the actual gas stand in Trollhättan.



3
Modeling

This chapter describes the modeling process of each gas stand component re-
spectively. After validation against measurements, all models are integrated in
Simulink and a complete model validation, comparing measured and simulated
data, sums it up. The fundamentals as well as used parameters are briefly ex-
plained in each section in order to allow for a better understanding of the mod-
els.

3.1 Compressor

The compressor uses power provided by the shaft and compresses the passing
fluid, consequently increasing fluid pressure and temperature. The compressor
power can be defined by the first law of thermodynamics applied on a steady flow
control volume as

Ẇc = ṁc(h02 − h01) + Q̇c = [cp,c constant] = ṁccp,c(T02 − T01) + Q̇c (3.1)

where ṁc is the compressor mass flow, h01 and h02 are the inlet and outlet specific
enthalpy, respectively, cp,c is the specific heat capacity at constant pressure, T01 is
the compressor inlet temperature and T02 is the compressor outlet temperature.
The heat transfer Q̇c is generally not considered when describing the compres-
sion process in turbochargers, but since one main objective in this thesis is to
determine the heat transfers, it is obviously included.

Adiabatic compressor efficiency ηc,adi is defined as the ratio between the power

9



10 3 Modeling

required by an ideal isentropic process and actual power consumed, expressed as

ηc,adi =
Ẇc,ideal

Ẇc
=

(
p02
p01

) γc−1
γc − 1

T02
T01
− 1

(3.2)

where γc is the heat capacity ratio, p01 is the compressor inlet pressure and p02 is
the compressor outlet pressure.

The compressor pressure ratio used in the models is defined as

Πc =
p02

p01
(3.3)

The compressor maps are represented with corrected compressor mass flow ṁc,co
and corrected speed Ntc,co, both normalized against ambient conditions and de-
fined as

ṁc,co = ṁc

√
T01/Tc,ref(
p01/pc,ref

) and Ntc,co =
Ntc√

T01/Tc,ref
(3.4)

where Ntc is the turbocharger rotational speed. Used reference states are Tc,ref =
20◦C and pc,ref = 1 atm.

3.1.1 Compressor flow model

The compressor flow model aims to estimate a compressor mass flow with a cou-
ple of known parameters as

ṁc = f (p01, p02, T01, ωtc) (3.5)

where ωtc is the turbocharger angular speed.

A model based on the dimensionless quantities Ψ ,Φ and Ma, proposed by Tu
and Chen [2013] is used. The following parameters are included in the model

Uc =
π
60
dcNtc (3.6)

Ψ =
cp,cT01

((
p02
p01

) γc−1
γc − 1

)
1
2U

2
c

(3.7)

Φ =
ṁcRT01
π
4 d

2
cUcp01

(3.8)

Ma =
Uc√
γcRT01

(3.9)

where Uc is the compressor blade tip speed, R is the ideal gas constant and dc is
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the compressor diameter. The model is defined as

Φ = a + (1 − eΨ
c+b) (3.10)

where a, b and c are functions of the Mach number as

a = anMa
n + an−1Ma

n−1 + . . . + a1Ma + a0 (3.11)

b = bnMa
n + bn−1Ma

n−1 + . . . + b1Ma + b0 (3.12)

c = cnMa
n + cn−1Ma

n−1 + . . . + c1Ma + c0 (3.13)

A measurement series including the highest measured turbocharger speed is used
to estimate the constants a0 − an, b0 − bn and c0 − cn with least squares. The
resulting model fit is presented in Figure 3.1 with used polynomial order of n = 7.
The model captures the flow characteristic well at lower turbocharger speeds but
deteriorates with increased speed. A compressor flow model of a more complex
nature would most probably result in a better fit. However, the model used here
is considered sufficient since it gives a rough estimation for all speeds.

0 0.05 0.1 0.15 0.2 0.25
1

1.2

1.4

1.6

1.8

2

2.2

2.4

2.6

2.8

ṁc,co [kg/s]

Π
c
[−

]

 

 
Measured
Model

Figure 3.1: Corrected compressor mass flow versus compressor pressure ra-
tio for a number of turbocharger speeds. The model fit is worse for higher
speeds but the model still gives a rough estimation of the quantity.
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3.1.2 Compressor efficiency model

To make quantification of the compressor heat transfer Q̇c possible, the compres-
sor efficiency model is constructed using adiabatic measurements only, hence
Q̇c ≈ 0 in Eq. (3.1). In other words it can be described as the aerodynamic com-
pressor efficiency.

Since the adiabatic measurements only range up to a maximum corrected speed
of Ntc,co = 113 000 rpm, the lines representing the three highest speeds are from
a map measured without matching the compressor housing and compressed air
temperature, making heat transfer between fluid and housing possible. This is
done to allow for simulation at higher speeds. Although, a better alternative
would possibly be to extrapolate the speed lines measured under adiabatic cir-
cumstances instead. As a result of this, all heat transfer calculations are done
with corrected speeds less or equal to 113 000 rpm.

A first modeling attempt is made using the quadratic form compressor efficiency
model proposed by Eriksson and Nielsen [2014], defined in Eq. (3.14)-(3.18)
where rc is the compressor radius. The constants ηc,max, ṁc,co@ηc,max , Πc@ηc,max ,
Q11, Q12 and Q22 are estimated using least squares. The resulting model fit can
be seen in Figure 3.2.

Πc,max =
(
u2

2Ψmax

2cp,cT01
+ 1

) γc
γc−1

(3.14)

ṁc,co = ṁc,comax

√
1 −

(
Πc

Πc,max

)2

(3.15)

ṁc = ṁc,co
p01/pc,ref√
T01/Tc,ref

(3.16)

u2 = rcωc = 2πrcNtc = 2πrcNtc,co
√
T01/Tc,ref (3.17)

ηc,adi = ηc,max −
[

ṁc,co − ṁc,co@ηc,max√
Πc − 1 −

(
Πc@ηc,max − 1

) ]T [
Q11 Q12
Q12 Q22

] [
ṁc,co − ṁc,co@ηc,max√

Πc − 1 −
(
Πc@ηc,max − 1

) ]
(3.18)
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Figure 3.2: Quadratic form compressor efficiency model versus measure-
ments. The model fit is not considered sufficient, hence another method is
required.

Since the adiabatic compressor efficiency will play a major role in the process of
determining the compressor heat transfer, the model fit seen in Figure 3.2 is not
considered good enough. Instead a function is constructed in Matlab, where each
speed line is manually extended with start and end values and represented by a
polynomial with the help of a least squares method. By using linear interpolation
along the speed, the script calculates an estimated efficiency as

ηc,adi = f (ṁc,co, Ntc,co) (3.19)

The fitted polynomials for all speed lines are shown in Figure 3.3 and it can easily
be concluded that the provided result is better compared to the quadratic form
model. Although, at higher speeds (Ntc,co > 96 000 rpm) the measured data is
difficult to represent as polynomials which leads to worse results.

When implemented in Simulink, a minimum compressor efficiency of ηc,adi =
0.05 is set with the purpose of avoiding a singularity when calculating the adia-
batic compressor power.
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Figure 3.3: Developed adiabatic compressor efficiency model versus mea-
surements. The model shows a better fit compared to the quadratic form
efficiency model. Corrected speeds Ntc,co from left to right: 22000, 44000,
61000, 78000, 96000, 113000, 130000, 147000, 164000 [rpm].

3.2 Friction

The turbocharger shaft is held in place by a thrust bearing and a radial bearing.
Petroff’s Law for bearing frictional torque is defined as

T qf =
π
4
µoilLbD

3
b

εr
ωtc (3.20)

where µoil is the dynamic oil viscosity, εr is the fluid film thickness and Lb and
Db are the bearing length and diameter. Likewise Petroff’s law, it is assumed that
the frictional torque is proportional to the dynamic oil viscosity with proposed
model as

Ẇf /ωtc = T qf = (c0 + c1ωtc) · µoil , µoil = νoilρoil (3.21)

where Ẇf is the friction power. The kinematic viscosity νoil and density ρoil are
both dependent on oil temperature with their relationships shown in Figure A.3.

Using cold measurements where the whole turbocharger has a uniform temper-
ature equal to the ambient, i.e. Tc ≈ Tbh ≈ Tt ≈ Tamb, leads to the conclusion
that the only heat transfer occurring in the turbo is the converted friction power,
Q̇f = Ẇf . Since the bearing housing temperature is not increased despite of the
added energy, one can assume that the heat contributed by the friction power
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must be transferred to the oil and water, hence

Q̇f = Q̇oil + Q̇wat (3.22)

where the heat transferred to the oil and water, Q̇oil and Q̇wat , can be determined
by measured quantities, see Eq. (3.72) and Eq. (3.74). With the friction power
quantified and by assuming constant oil temperature, the constants c0 and c1 are
estimated using least squares. The resulting model fit is shown in Figure 3.4.
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Figure 3.4: Friction torque versus angular velocity for a constant oil temper-
ature. The linear relation found in the figure validates that the method used
is reasonable.

As expected, the estimated friction torque have an approximate linear relation-
ship to the angular speed and the linear model represent the measurements
roughly.
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3.3 Turbine

The turbine extracts energy from the fluid and transforms it into power deliv-
ered to the shaft. While passing through the turbine, the gas expands and fluid
pressure and temperature drops. By applying the same principle as for the com-
pressor, a steady flow control volume around the turbine yields

Ẇt = ṁt(h03 − h04) + Q̇t = [cp,t constant] = ṁtcp,t(T03 − T04) + Q̇t (3.23)

where ṁt is the turbine mass flow, h03 and h04 are the inlet and outlet specific
enthalpy, respectively, cp,t is the specific heat capacity at constant pressure, T03 is
the turbine inlet temperature and T04 is the turbine outlet temperature.

Ideal turbine power is defined as the power required by an isentropic process as

Ẇt,ideal = ṁtcp,tT03

{ (
1 −

p04

p03

) γt−1
γt

}
(3.24)

where γt is the heat capacity ratio, p03 is the turbine inlet pressure and p04 is the
turbine outlet pressure. The turbine efficiency ηt is defined by the ratio of actual
power produced and power utilized by an ideal process, stated in Eq. (3.25)
below. The actual power produced is defined by the added adiabatic compressor
power and friction power.

ηt =
Ẇt

Ẇt,ideal
=

Ẇc,adi + Ẇf

ṁtcp,tT03

{ (
1 − p04

p03

) γt−1
γt

} (3.25)

The turbine pressure ratio is defined as

Πt =
p03

p04
(3.26)

3.3.1 Turbine flow model

Instead of the corrected parameters used to represent the compressor maps, tur-
bine maps often use turbine flow parameter (TFP), defined as

T FP = ṁt

√
T03

p03
(3.27)

The turbine flow model used is proposed by Eriksson and Nielsen [2014], ex-
pressed in Eq. (3.28). With measurement data of varying turbine inlet tempera-
tures, the constants T FPmax and T FPexp are estimated using least squares. The
resulting model fit is shown in Figure 3.5, which validates that the model repre-
sent the measurements well.

T FP = T FPmax

√
1 −

(
1
Πt

)T FPexp
(3.28)
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Figure 3.5: Turbine flow model versus measurements. The model fit shows
that the model used is decent.

3.3.2 Turbine efficiency model

The turbine efficiency model used is proposed by Watson and Janota [1982] and
includes the blade speed ratio (BSR). The authors state that turbine efficiency
peaks at BSR = 0.7 and the parameter BSRopt is thus set likewise. The model is
defined as

BSR =
ωtcrt√

2cp,tT03

(
1 −Π

γt−1
γt
t

) (3.29)

ηt(BSR) = ηt,max ·

1 −
(
BSR − BSRopt

BSRopt

)2
 (3.30)

where rt is the turbine radius. The efficiency ηt is given by Eq. (3.25) and the
constant ηt,max is estimated using least squares with measurements of varying
turbine inlet temperatures. The resulting model fit can be seen in Figure 3.6.

Since all measurements are found within a narrow range in BSR, the model is
developed largely by means of an assumption. When comparing model and mea-
surements, the model at least seems to follow the main trend but it is difficult
to conclude anything else. Hence, the complete model validation will tell if the
proposed turbine efficiency model is adequate.
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Figure 3.6: Turbine efficiency model versus measurements shows that the
model catches the main trend recognized in the measurement data.

3.4 Turbocharger Dynamics

To include the turbocharger dynamics, Newton’s second law is applied on the
shaft connecting the turbine and compressor, expressed as

dωtc
dt

=
1

Jtcωtc

(
Ẇt − Ẇc − Ẇf

)
, Jtc = 2.55 · 10−5 kgm2 (3.31)

where the moment of inertia Jtc for a Mitsubishi TD04HL-15T rotor is measured
by Westin [2002]. When implemented in Simulink, a lower saturation limit of
the angular speed is set in order to avoid division by zero.

Equation (3.32) represent an energy balance with a control volume around the
shaft valid at steady state operating points.

Ẇt = Ẇc + Ẇf (3.32)

3.5 Butterfly Valve

Butterfly valves are commonly used components in the automotive industry, e.g.
functioning as throttles in combustion engines. In the gas stand it is found oper-
ating as a variable restriction downstream the compressor. A model proposed by
Eriksson and Nielsen [2014] is used to represent the component. The model takes
compressible flow into account and returns an estimated mass flow with given pa-
rameters such as the pressure before and after the valve, pbef ,bv and paf t,bv , the
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outlet temperature Taf t,bv and the valve position α. The following equations de-
fines the model

Π(
paf t,bv
pbef ,bv

) = max

 paf t,bvpbef ,bv
,

(
2

γc + 1

) γc
γc−1

 (3.33)

Ψ0(Π) =

√
2γc
γc − 1

(
Π

2
γc −Π

γc+1
γc

)
(3.34)

Ψ li =
{

Ψ0(Π) if Πbv ≤ Πli

Ψ0(Πli)
1−Π

1−Πli
otherwise (3.35)

ṁbv
(
α, pbef ,bv , paf t,bv , Tbef ,bv

)
=

pbef ,bv√
RTbef ,bv

Abv(α)cd,bv(α)Ψ li

(
paf t,bv
pbef ,bv

)
(3.36)

where the area Abv and drag coefficient cd,bv are represented as a polynomial
shown in Eq. (3.37) below.

Abvcd,bv = c0 + c1α + c2α
2 + c3α

3 (3.37)

Since pressure nor temperature measurements are available in the closest sur-
roundings of the butterfly valve, a couple of assumptions needs to be done in
order to estimate the model constants. The measurement setup downstream the
compressor consists of two v-cone flow meters of different size, positioned just
before the butterfly valve (see Figure 2.1 for an overview). The flow meters are
alternated depending on the compressor mass flow rate and data of the pressure
drop over used v-cone is available in the measurements. Assuming that no pres-
sure loss occurs in the pipe from the p02 measurement to the v-cone manifold,
the pressure before the butterfly valve can be defined as

pbef ,bv = p02 − ∆pv−cone (3.38)

where ∆pv−cone is the pressure drop over used v-cone. Downstream the butterfly
valve the gases are led out through an exhaust pipe which is assumed to be acting
as a restriction with linear relationship to the compressor mass flow as

paf t,bv = pamb (1 + c · ṁc) (3.39)

where pamb is the ambient pressure. The constant c is manually adjusted until
the best model fit possible is obtained. The last assumption made is that no heat
transfer occurs downstream the compressor, hence

Tbef ,bv = T02 (3.40)

With mentioned assumptions, the constants c0, c1, c2 and c3 in Eq. (3.37) are
estimated using least squares with measurements of varying turbine inlet tem-
peratures. The resulting model fit is shown in Figure 3.7.
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Figure 3.7: Model fit for the polynomial representing the butterfly valve area
and drag coefficient. The poor result is explained by the lack of available
measurements nearby the valve. Since the model estimates an approximate
quantity, it is still used.

The result seen in Figure 3.7 indicates that the made assumptions are not describ-
ing the reality completely. The most probable explanation to the poor model fit is
that the two v-cones leads to different pressure losses when used, in addition to
the measured pressure difference over them. All outliers seems to be caused by
low mass flows and are considered as measurement errors. Despite of the poor
fit, the model however indicates the quantity roughly and is thus used.

3.6 Burner

The diesel burner increases the temperature of the pressurized air delivered by
the screw compressors, thus simulating hot exhaust gases. Since no thermocou-
ples were placed directly before or after the burner during the conducted mea-
surements, it is fairly difficult to model and validate the component. However,
during the compressor stand still restriction measurements, the pressurized and
conditioned air normally fed to the burner inlet was instead connected to the
compressor inlet. It is assumed that the burner inlet temperature Tbef ,bu holds
a constant value determined by the mean value of the temperature T01 from the
compressor stand still restriction measurement.

By assuming an ideal combustion, i.e. all energy provided by the diesel fuel is



3.6 Burner 21

transformed into heat, the heat transfer rate can be defined as

Q̇bu−g = ṁf uqLHV (3.41)

where ṁf u is the mass flow rate of fuel and qLHV is the lower heating value, for
diesel approximated as qLHV = 48 MJ

kg . The first law of thermodynamics applied
on a steady flow control volume with no heat transfer and constant heat capacity
cp,c yields

Q̇bu−g = ṁccp,c
(
Taf t,bu − Tbef ,bu

)
(3.42)

where Tbef ,bu and Taf t,bu are the temperature before and after the burner, respec-
tively. Combining Eq. (3.41)-(3.42) yields an expression for the burner outlet
temperature as

Taf t,bu =
ṁf uqLHV
ṁccp,c

+ Tbef ,bu (3.43)

Using all measured maps except the compressor stand still restriction measure-
ment, an estimated burner outlet temperature is calculated with Eq. (3.43) and
showed in Figure 3.8, also including the turbine inlet temperature T03 and the
turbine housing temperature Tt .
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Figure 3.8: The estimated burner outlet temperature Taf t,bu , turbine inlet
temperature T03 and turbine housing temperature Tt from steady state mea-
surements. When the turbine housing temperature is decreased, the burner
outlet temperature needs to rise in order to maintain the same turbine inlet
temperature which explains the relationship seen in the figure.
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The result is considered reasonable since the turbine housing temperature Tt and
burner outlet temperature Taf t,bu seems to be dependent, cancelling each other
out around the turbine inlet temperature T03. An explanation to this could be
that when the turbine and presumably also the connecting pipes are colder, more
energy will be transferred through convection from the gas to the turbine hous-
ing, thus making need for the burner to raise the temperature in order to main-
tain the same turbine inlet temperature T03.

The turbine mass flow is assumed to have a linear relationship to the pressure
drop over the burner ∆pbu , hence

ṁt = c0 + c1∆pbu = c0 + c1(pbef ,bu − paf t,bu) (3.44)

where pbef ,bu and paf t,bu are the pressure before and after the burner, respectively.
The constants c0 and c1 are estimated using least squares and the model fit is
shown in Figure 3.9. The result is satisfying, showing that the model represent a
vast majority of the measurements.
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Figure 3.9: Burner pressure drop model versus measurements shows that
the developed model is decent.
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3.7 Control Volume

Control volumes refers to the connecting pipes in the gas stand, which are imple-
mented in Simulink as models with temperature T and pressure p as states. The
model used is proposed by Eriksson and Nielsen [2014] and defined as

dT
dt

=
RT
pV cv

[
ṁincv(Tin − T ) + R(Tinṁin − T ṁout) − Q̇

]
(3.45)

dp

dt
=
RT
V

(ṁin − ṁout) +
p

T
dT
dt

(3.46)

where V is the volume, cv is the heat capacity at constant volume, ṁin and ṁout
are the inlet and outlet mass flow, respectively, and Tin is the inlet temperature.
The model includes heat transfer Q̇, although this has not been considered in this
thesis.

3.8 Intercooler

An intercooler is used in the closed loop circuit to decrease the compressed air
temperature before the air is led back to the compressor inlet. Andersson [2005]
proposes a model which is defined as

∆pic = H
Tic,inṁ

2
ic

pic,in
(3.47)

Tic,out = max
(
Tcool , Tic,in + ξic

(
Tic,in − Tcool

))
(3.48)

where Tic,in and Tic,out are the inlet and outlet temperature, respectively, ṁic is
the mass flow, pic,in is the inlet pressure and Tcool is the cooling water temper-
ature. Since no available data exists, some assumptions needs to be done. By
assuming a pressure drop of ∆pic = 20 kP a over the intercooler at maximum
mass flow, the constant H can be estimated using data from the gas stand mea-
surements. When implemented in Simulink the intercooler effectiveness is set to
a constant value of ξic = 0.9.

3.9 Heat Transfer

The quantification of heat transfers in the turbocharger is presented in the fol-
lowing section, where a lumped capacitance model is used to represent the tur-
bocharger and occurring heat transfers. Practically, this means that the turboch-
arger is divided into three parts consisting of the compressor, bearing housing
and turbine. It is assumed that each part holds a uniform temperature dependent
on the balance of supplied and abducted energies. An overview of all occurring
energy flows in the turbocharger can be seen in Figure 3.10.
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Figure 3.10: Schematic sketch of energies flowing in the turbocharger. Q̇c−ext
and Q̇t−ext represent the total external heat loss in terms of convection, con-
duction and radiation for the compressor and turbine respectively.

It is assumed that no heat exchange occurs between the bearing housing and the
surroundings. The assumption is motivated by the small surface area exposed to
the surroundings and the possible equalization that is done by the radiative and
convective heat received from the compressor and turbine housing.

Using the available measurements, the compressor housing temperature Tc and
turbine housing temperature Tt are represented as the mean value of all surface
temperatures measured on each component respectively. Since no thermocou-
ples were placed on the bearing housing, the bearing housing temperature Tbh is
instead represented by measurements made on the compressor back plate. This
is not unreasonable since the compressor back plate is directly attached to the
bearing housing with a large contact area in between. The one, out of three, back
plate temperature measurement least affected by the compressor temperature is
chosen to represent the bearing housing temperature. The choice is done since it
is reasonable to assume that the bearing housing temperature is affected by the
turbine, oil and water temperature also, i.e. not mainly by the compressor tem-
perature. For a better understanding, all conducted temperature measurements
can be seen in Figure A.4 including the chosen bearing housing temperature Tbh.

As a brief introduction, heat transfer between two objects a and b can appear in
three different forms; convection, conduction and radiation. Convection is heat
transfer between a surface and a moving fluid, conduction takes place when a
temperature gradient appears in a solid and radiation is electromagnetic waves
emitted by a body. The different heat transfers are expressed in the following
equations

Q̇cv,a−b = hA(Ta − Tb) (3.49)

Q̇cd,a−b =
λA
d

(Ta − Tb) (3.50)
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Q̇rd,a−b = εσ (T 4
a − T 4

b ) (3.51)

where h is the heat transfer coefficient, A is the area, λ is the thermal conductivity,
d is the thickness, ε is the emissivity and σ is the Stefan–Boltzmann constant.

3.9.1 Convection between gas and turbine

To start the determination of occurring heat transfers, the focus is first put on the
component exposed to highest temperatures, thus referring to the turbine. Hot
exhaust gases from the burner enter through the turbine inlet, hurls around in the
turbine volute with a temperature of T03, expands in the diffuser to a temperature
of T04 and then continues out through the outlet. During the described process,
it is assumed that most of the heat transfer takes place in the volute with the
motivation that it has the largest contact surface area towards the gas and the gas
temperature is the highest there.

The heat transferred from the gas to the turbine housing through convection,
Q̇cv,g−t , is determined by an energy balance with a control volume around the
turbine. Using maps with varying turbine inlet temperatures, the convective heat
transfer can be calculated as

Q̇cv,g−t = ṁtcp,t(T03 − T04) − Ẇc,adi − Ẇf (3.52)

where Ẇc,adi is the adiabatic compressor power, determined by Eq. (3.67)-(3.68).
In order to minimize temperature measurement uncertainties described more
closely by Franzke et al. [2014], operating points with higher mass flows (ṁt >
0.04 kg

s ) are used in the calculations. With the heat transfer quantified, the con-
vective heat transfer is expressed as

Q̇cv,g−t = hAg−t(T03 − Tt) (3.53)

where Ag−t is the internal turbine area exposed to the gas. The heat transfer
coefficient h for forced convection is defined as

h =
Nuλ
Dg−t

(3.54)

Nu = c0Re
c1P rc2 (3.55)

Re =
U∞Dg−t

ν
(3.56)

U∞ =
V̇t
A′g−t

, V̇t =
ṁtRT03

p03
(3.57)

where Nu is the Nusselt number, λ is the thermal conductivity, Dg−t is the in-
ternal diameter, Re is the Reynolds number, P r is the Prandtl number, ν is the
kinematic viscosity, U∞ is the free flow velocity, V̇t is the turbine volume flow
and A′g−t is the internal cross-sectional area. Combining Eq. (3.53)-(3.57) and
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merging all constant values into one constant c yields

Q̇cv,g−t = c · (V̇t/ν)c1λP rc2(T03 − Tt) (3.58)

where Prandtl’s number, thermal conductivity and kinematic viscosity for air are
found in Figure A.5, showing their relationship to temperature. By approximat-
ing the volute as a circular tube and using exponential constants proposed by the
Sieder-Tate correlation (c1 = 4

5 , c2 = 1
3 ), the constant c can be estimated using

least squares. The resulting model fit can be seen in Figure 3.11 which shows
an approximate linear relationship and validates that the model represent the
measurements roughly.
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Figure 3.11: Model versus measurements for the convective heat transfer
from the gas to the turbine housing. The figure shows an approximate linear
dependency for the measurements with a model that follows roughly.

3.9.2 Conduction between turbine and bearing housing

At steady state operating points, the heat transferred from the gas to the turbine
Q̇cv,g−t equals the internal conductive heat transfer Q̇cd,t−bh and the external heat
transfer Q̇t−ext as

Q̇cv,g−t = Q̇cd,t−bh + Q̇t−ext (3.59)

To quantify the conductive heat transfer occurring between the turbine and bear-
ing housing Q̇cd,t−bh, measurements where the compressor housing temperature
and bearing housing temperature approximately equals ambient temperature
(Tc ≈ Tbh ≈ Tamb) are used. This allows for the conclusion that no heat transfer
occurs between the compressor and bearing housing, i.e. all energy transferred to
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the oil and water, except for the friction heat, is transferred through conduction
from the turbine to the bearing housing, hence

Q̇cd,t−bh = Q̇oil + Q̇wat − Q̇f , Q̇f = Ẇf (3.60)

With calculated heat transfer rate Q̇cd,t−bh, the equation for conductive heat trans-
fer yields

Q̇cd,t−bh =
λAt−bh
dt−bh

(Tt − Tbh) = c · (Tt − Tbh) (3.61)

where the constant c is estimated using least squares. The resulting model fit can
be seen in Figure 3.12 which shows that the model indicates the quantity roughly.
The approximate result is most probably caused by an inaccurate estimation of
the bearing housing temperature Tbh for some operating points.
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Figure 3.12: Heat flow through conduction between turbine and bearing
housing, model versus measurements. The model gives an approximate es-
timation of the measurements.

3.9.3 External heat loss of turbine

With a developed model for the conduction between the turbine and bearing
housing, the external heat losses Q̇t−ext can be calculated by an energy balance
around the turbine, expressed in Eq. (3.62). Steady state measurements with
varying turbine inlet temperatures are used in the calculations and the convective
heat transfer Q̇cv,g−t is determined by Eq. (3.52).

Q̇t−ext = Q̇cv,g−t − Q̇cd,t−bh (3.62)
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With the assumption that the external heat loss mainly consists of convective heat
transfer, the external heat loss Q̇t−ext can be defined as

Q̇t−ext = Q̇cd,t−ext + Q̇cv,t−ext + Q̇rd,t−ext = c · (Tt − Tamb) (3.63)

where the constant c is estimated using least squares. The resulting model fit can
be seen in Figure 3.13.
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Figure 3.13: Model versus measurements for the external heat loss of the
turbine housing. The poor fit for higher temperature differences is probably
the result of an improper estimation of the conduction between the turbine
and bearing housing.

An approximate linear relationship is found in Figure 3.13 resulting in a decent
model fit. Some of the measurements exceeding ∆T > 450K does not appear to
be linearly dependent. An explanation to this could be that the assumed bearing
housing temperature Tbh is faulty for some operating points, thus leading to an
improperly estimated conduction between the turbine and bearing housing.

3.9.4 Conduction between bearing housing and compressor

With a given model for the conductive heat transfer between the turbine and
bearing housing, a given friction model and measurements of the heat transferred
to the fluids, the conduction between the bearing housing and compressor can
be determined by following energy balance with a control volume around the
bearing housing

Q̇cd,bh−c = Q̇cd,t−bh + Q̇f − Q̇oil − Q̇wat (3.64)
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The equation for conduction yields

Q̇cd,bh−c =
λAbh−c
dbh−c

(Tbh − Tc) = c · (Tbh − Tc) (3.65)

where the lumped constant c is estimated using least squares with the resulting
model fit presented in Figure 3.14.
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Figure 3.14: Heat flow through conduction between bearing housing and
compressor. The model represent the measurements roughly.

The model fit is not perfect, but it catches the approximate magnitude which is
considered sufficient. As discussed, a better estimation of the bearing housing
temperature would most probably lead to a better result.

3.9.5 Convection between gas and compressor

Compression of a gas increases its temperature, naturally leading to convective
heat transfer between the gas and compressor housing. In the turbocharger, the
compressed and heated air is led through the diffuser where most of the convec-
tive heat transfer is assumed to take place.

To quantify the heat transfer, the adiabatic efficiency model becomes useful. Since
the adiabatic compressor efficiency allows for calculation of the energy supplied
to the gas without any heat transfer involved, the difference between the esti-
mated adiabatic power and the actual power utilized defines the convective heat
transfer from the gas to the compressor housing as

Q̇cv,g−c = Ẇc,adi − ṁccp,c(T02 − T01) (3.66)
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where the adiabatic power is calculated by the following equations

T ′02 = T01 +
T01

ηc,adi

(
p02

p01

γc−1
γc − 1

)
(3.67)

Ẇc,adi = ṁccp,c(T
′
02 − T01) (3.68)

In contrast to the convective heat transfer occurring in the turbine, it is here as-
sumed that the kinematic viscosity and thermal conductivity holds a constant
value. This is done since the temperature of the compressed air on the compres-
sor side varies within a smaller interval compared to the turbine inlet temper-
ature. Using Eq. (3.54)-(3.57) combined with the mentioned assumptions, an
expression for the convective heat transfer Q̇cv,g−c can be derived as

Q̇cv,g−c = hA(T ′02 − Tc) = [ν, λ constant] = c · V̇ c1
c P r

c2(T ′02 − Tc) (3.69)

Since there only is a slight temperature difference ∆T = T ′02 − Tc in the steady
state measurements, the choice of using time-resolved step response measure-
ment data is done. The constants c1 and c2 are set similarly as for the turbine
(c1 = 4

5 , c2 = 1
3 ) and the constant c is estimated using least squares. The obtained

model fit is presented in Figure 3.15 with satisfying result, showing a clear linear
relationship.
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Figure 3.15: Heat flow through convection between gas and compressor for
time-resolved measurements. The model used shows a satisfying fit when
comparing with the measurement data.

For a better understanding the model is displayed against steady state measure-
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ment data in Figure 3.16, where it is easy to conclude that the measurements does
not show the same clear relationship as in Figure 3.15.
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Figure 3.16: Heat flow through convection between gas and compressor
housing, the model developed using time-resolved measurement data dis-
played against steady state measurements.

3.9.6 External heat loss of compressor

Using steady state measurements and a control volume around the compressor
housing, the rate of external compressor heat transfer Q̇c−ext can be determined
by an energy balance expressed as

Q̇c−ext = Q̇cv,g−c + Q̇cd,bh−c (3.70)

Since the compressor temperature reaches a maximum temperature of 180◦C dur-
ing all measurements, radiative heat transfer is assumed to be negligible. By
assuming that the external heat loss is linearly dependent of the temperature dif-
ference ∆T = Tc − Tamb, following model is proposed

Q̇c−ext = c · (Tc − Tamb) (3.71)

The constant c is adjusted in order to match the simulated compressor housing
temperature to the measured. This is done since it is impossible to interpret a
linear relationship of the measured data seen in Figure 3.17. When comparing
with the measurements, the adjusted model seems reasonable since it represent
the measurements in an approximate way. The measurements for higher tur-
bocharger speeds (Ntc > 96 000 rpm) appears to be odd. An explanation for the
discrepancy is that the adiabatic compressor efficiency model fit is insufficient
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for higher turbocharger speeds as discussed, resulting in a faulty estimation of
the convective heat transfer Q̇cv,g−c.
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Figure 3.17: Model versus measurements for the external heat loss of the
compressor. The outliers for higher speeds is the result of a poor model fit
regarding the adiabatic compressor efficiency model.

3.9.7 Convection between bearing housing and oil

The main purpose of the oil circuit is to lubricate the turbocharger bearing, but
since the fluid is flowing through the bearing housing, heat transfer between the
housing and oil is made possible. With available measurements of oil temper-
ature before and after passing through the turbocharger and measurements of
mass flow rate, the energy transferred to the oil can be calculated as

Q̇oil = ṁoilcp,oil(Toil,out − Toil,in) (3.72)

The equation for convection yields

Q̇oil = hA(Tbh − Toil) = [λ, P r, ν constant] = c1V̇
c2(Tbh − Toil) (3.73)

where Prandtl’s number P r, thermal conductivity λ and kinematic viscosity ν for
the oil is assumed to be constant since the temperature is fairly constant. The
constant c2 is manually adjusted to achieve a linear relationship and the lumped
constant c1 is then estimated using least squares. The model fit can be seen in
Figure 3.18 which shows that the model follows the measurements roughly. The
result is considered sufficient since the objective is to develop models that cap-
tures the general characteristic of each heat transfer.
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Figure 3.18: Model versus measurements for the convective heat transfer be-
tween bearing housing and compressor shows that the model approximately
represent the measurements.
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3.9.8 Convection between bearing housing and water

The water circuit has the purpose of cooling the turbocharger, thus leading to a
longer life time for the component. Same modeling approach as used for the con-
vection between bearing housing and oil is applied here, expressed in Eq. (3.74)-
(3.75) below

Q̇wat = ṁwatcp,wat(Twat,out − Twat,in) (3.74)

Q̇wat = hA(Tbh − Twat) = [λ, P r, ν constant] = c1V̇
c2(Tbh − Twat) (3.75)

where c2 = 4
5 and c1 is estimated using least squares with the model fit shown in

Figure 3.19. The result indicates that something is wrong because it is impossible
to identify a linear relationship.
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Figure 3.19: Heat flow through conduction between bearing housing and
compressor, model versus measurements. The poor result indicates that an-
other method is required.

As mentioned earlier, no measurements were conducted on the actual bearing
housing. Since the model is not depending on a lot of variables, the first guess
would be that it is the represented bearing housing temperature Tbh that is caus-
ing the poor model fit. By assuming that the actual bearing housing temperature
is dependent on the turbine housing temperature Tt as well, a new representation
of the bearing housing temperature is defined as

T ∗bh =
Tbh + Tt

2
(3.76)

The constant c1 in Eq. (3.75) is once again estimated using least squares and the
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resulting model fit can be seen in Figure 3.20.
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Figure 3.20: The new model versus measurements for the conductive heat
transfer between bearing housing and compressor. The figure shows an im-
proved model fit.

When comparing the result in Figure 3.20 with the model fit presented in Fig-
ure 3.19, one can easily see that the new model is an improvement. It is possible
that an even better result can be obtained by including temperature-dependent
oil properties. However, the developed model is considered to give a good enough
estimation.

3.9.9 Thermal mass

Mass acts like an inertia against temperature variations, which is expressed in
the equation below

dT
dt

=
1
mcp

∑
Q̇ (3.77)

where m is the mass and cp is the heat capacity at constant pressure. Used

material parameters in Simulink are cp,alu = 0.91 kJ
kgK for the compressor and

cp,ci = 0.46 kJ
kgK for both the turbine and bearing housing. The masses are ad-

justed in order to match simulated and measured data, with the following results

mc = 4 kg, mbh = 4 kg, mt = 9 kg

which seems reasonable when comparing them to each other.
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3.10 Complete Model Validation

With mathematical models describing each component respectively, they are all
implemented and connected in Simulink for a complete model validation. An
overview of the final Simulink model can be seen in Figure 3.21.

Figure 3.21: An overview of the gas stand Simulink model. Block colours to-
gether with descriptions: Pink - Compressor & turbine, Grey - Turbocharger
dynamics, Purple - Bearing housing, Orange - Butterfly valve, Red - Burner,
Green - Screw compressor, Yellow - Intercooler, Blue - Control volume.

The model is controlled by two PI controllers, one controlling the turbocharger
speed by adjusting the screw compressor pressure and one controlling the tur-
bine inlet temperature by adjusting the fuel supplied to the burner. The regula-
tor parameters are reversed engineered in order to maintain the same conditions
in the simulation environment as during the measurements, thus allowing for a
better validation.

Used reference signals for the PI controllers during the simulation are the prede-
fined steps in turbocharger speed together with a constant turbine inlet temper-
ature of 600◦C. The control valve is set to a fixed position, manually adjusted
to match the simulated compressor pressure ratio to the measured. This is done
since the control valve position is not available in the time-resolved measure-
ment data. The same applies for the oil and water volume flows which are thus
adjusted in order to match the simulated bearing housing temperature to the mea-
sured. When comparing the adjusted values with the steady state measurement
data, they seems to be reasonable. Oil and water temperatures are available in
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the time-resolved data and are thus defined similarly in Simulink. The result of
the simulation is presented against measured data in Figure 3.22 and Figure 3.23.
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Figure 3.22: Measured and simulated data for the speed, mass flow rates,
pressure ratios and temperatures over time. The figure shows that all the
simulated data follows the measurements within a reasonable distance.

Since the objective when developing all models has been to reach a good enough
model fit and not necessarily a perfect one, the result seen in Figure 3.22 is con-
sidered satisfying. Most of the simulated values follow the corresponding mea-
surements closely. The only misfit seen in the figure is the simulated compressor
flow for higher turbocharger speeds, which is reasonable since the compressor
flow model is inaccurate for higher speeds.

Figure 3.23 shows that the simulated values for the turbine temperature is close
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to a perfect fit against measurements. The same behaviour applies for the com-
pressor temperature Tc with the exception for the highest speed, which is the
result of a faulty estimated compressor efficiency and compressor flow. Con-
cerning the simulated bearing housing temperature, it is not really a validation
against measurements. Although, it validates that it is possible to obtain similar
behaviour as the measured temperature with reasonable volumes flows used in
the simulation environment.
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Figure 3.23: Measured and simulated turbocharger temperatures for the tur-
bine, bearing housing and compressor over time. The figure validates that
the heat transfer models are decent since the simulated values follow the
measurements within reasonable distance.
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Control

To speed up the otherwise time consuming and costly process of turbo mapping,
this chapter investigates if an added component to the gas stand can contribute in
terms of making the mapping procedure more time efficient. Instead of testing
possible solutions on the physical gas stand, the validated gas stand model in
Simulink allows for an investigation in the simulation environment.

When measuring a steady state map point, it is required that the parameters of
interest are stabilized before a measurement is conducted, thus referring to tur-
bocharger speed, pressure ratio, mass flow and efficiency. Since temperatures
of the turbocharger components affect the measured quantities, the component
needs to reach a thermal equilibrium before a measurement can be conducted.

In this study, the focus is put on speeding up the compressor mapping procedure,
and more specifically the determination of efficiency. The question to answer is
if it is possible to decrease the time of reaching a thermal equilibrium with the
help of an external heat source, e.g. an infrared heater.

Compressor efficiency is defined by Eq. (3.2) and includes the compressor pres-
sure ratio Πc, inlet temperature T01 and outlet temperature T02. Since it is as-
sumed that the inlet temperature is constant in the Simulink model and the pres-
sures are controllable in a faster way compared to the temperatures, the param-
eter of interest here is the outlet temperature T02. The target is to stabilize it as
fast as possible using an added idealized heat source in the Simulink model with
the possibility to heat up the compressor housing. The heat source is controlled
by a PI controller with feedback of T02, using predefined values as reference.

Figure 4.1 compares the results of two different step responses with steps made
in reference turbocharger speed, one with an added controlled heat source and

39
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one without. The result shows that with the help of an added heat source with a
power capacity of 1 kW , the compressor efficiency reaches an equilibrium roughly
200 seconds faster in comparison to the original case.
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Figure 4.1: Compressor efficiency ηc and compressor outlet temperature T02
over time. The abbreviation reg means that the compressor housing has been
heated with an external heat source in Simulink with a power capacity of
1 kW . The figure shows that when a heat source is added, the settling time
for the efficiency measurement is reduced.

Heat sources of varying power capacities are tested and the relation between
power capacity and possible time to save when switching between two steady
state points is presented in Table 4.1. The results show that there is a lot of po-
tential time to save only by using a control strategy with focus on the thermal
aspects.

Power [kW ] Time saved [s]
0.2 140
0.5 180

1 200
2 230
4 240

Table 4.1: The relation between power capacity of an extra heat source and
possible time to save when changing between two steady state measure-
ments.



5
Conclusions and Future Work

A 0D model of a gas stand has been developed and implemented in Simulink in
order to allow for development of an enhanced control strategy used when map-
ping turbochargers. Each gas stand component is modeled and validated against
available measurement data, all showing a reasonable result. Turbocharger heat
transfers have been studied and modeled with varying validation result. The im-
precise results is most probably the cause of unavailable measurements of the
bearing housing temperature, leading to a vague estimation of the actual temper-
ature. Since some of the heat transfer models are determined by energy balances,
a slight error in one heat transfer model will influence others.

After connecting all gas stand sub models including turbocharger heat transfers,
a complete model validation shows that the model works properly. With a work-
ing simulation model, an improvement of the test procedure is examined by
means of adding an extra heat source with the possibility to heat the compressor
housing. The study shows that a lot of time can be saved when changing between
two operating points during steady state measurements, since it is possible to
reach a thermal equilibrium faster.

Suggestions of model improvements and other possible future work topics are
found in the following list

• Improve the adiabatic compressor efficiency model.

• Investigate the turbocharger heat transfers further.

• Include heat transfers associated with the control volumes and burner.

• Develop an enhanced control strategy using the original gas stand configu-
ration only.
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Measurement Data

Steady state measurement data is shown in Figure A.1 and time-resolved data
from step responses carried out is shown in Figure A.2.

Figure A.1: Steady state measurement data from all conducted measure-
ments.
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Figure A.2: Data from step responses carried out with steps made in tur-
bocharger reference speed.

Oil Properties

Oil properties used in the turbocharger friction model are shown in Figure A.3.



48 A Appendix

300 350 400 450 500 550
0

10

20

30

40

50

60

70

80

90
Kinematic Viscosity, Oil

Toil [K]

ν
oi
l
[m

2
/
s]

 

 
Measured
Model

(a) Kinematic viscosity of oil.
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(b) Oil density.

Figure A.3: Oil properties as functions of temperature.

Turbocharger Temperatures

Steady state measurements from the thermocouples placed on the turbocharger
surface is shown i Figure A.4.
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Figure A.4: Turbocharger housing temperatures from the conducted steady-
state measurements. It is decided that the bearing housing temperature Tbh
is represented by the thermocouple placed 9 o’clock on the compressor back
plate.
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Air Properties

Figure A.5 shows how the air properties used in the convection calculations vary
with temperature.
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(a) Thermal conductivity of air.
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(b) Prantdl’s number of air.
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(c) Kinematic viscosity of air.

Figure A.5: Air properties as functions of temperature.
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Notation

Nomenclature

Symbol Meaning

A Area [m2]
cd Drag coefficient [−]
cp Heat capacity at constant pressure [J/(kg ·K)]
cv Heat capacity at constant volume [J/(kg ·K)]
d Diameter [m]
h Heat transfer coefficient [W/(m2 ·K)]
J Moment of inertia [kg ·m2]
ṁ Mass flow [kg/s]
N Rotational speed [rpm]
Nu Nusselt number [−]
p Pressure [P a]
P r Prandtl’s number [−]
q Heating value [J/kg]
Q Heat [J]
Q̇ Heat transfer rate [W ]
r Radius [m]
R Ideal gas constant [J/(kg ·K)]
Re Reynolds number [−]
T Temperature [K]
T q Torque [Nm]
U Velocity [m/s]
V Volume [m3]
Ẇ Power [W ]
Π Pressure ratio [−]
γ Heat capacity ratio [−]
ε Emissitivity [−]
η Efficiency [−]
λ Thermal conductivity [W/(m ·K)]
µ Dynamic viscosity [kg/(m · s)]
ν Kinematic viscosity [m2/s]
ξ Effectiveness [−]
ρ Density [kg/m3]
σ Stefan–Boltzmann constant [J/(m2 · s ·K4)]
ω Angular speed [rad/s]
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Abbrevations

Abbrevation Meaning

adi adiabatic
aft after
alu aluminium

amb ambient
bef before
BSR Blade Speed Ratio

b bearing
bh bearing housing
bv butterfly valve
bu burner
c compressor

cd conduction
ci cast iron
cv convection
co corrected

exh exhaust
ext external
f friction

fu fuel
g gas
ic intercooler

LHV Lower Heating Value
rd radiation
ref reference
t turbine
tc turbocharger

TFP Turbine Flow Parameter
wat water
∞ free flow
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